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Abstract: To improve the vibration-isolation performance of
cab seats, the optimization model of the seat suspension
system of construction machinery cabs is proposed based on
the negative stiffness structure. The negative stiffness
nonlinear kinetic equation is established by designing the seat
negative structure  ( NSS ). Using

MATLARB, the different parameters of the suspension system

stiffness  suspension
and their influences on the dynamic stiffness are analyzed. The
ideal configuration parameter range of the suspension system is
obtained. Meanwhile, the optimization model of NSS is
proposed, and the vibration transmissibility characteristics are
simulated and analyzed by different methods. The results show
that the displacement and acceleration amplitudes of the
optimized seat suspension system are evidently reduced, and
the four-time power vibration dose value and root mean square
calculation values in the vertical vibration direction of the seat
decrease by 86% and 87%, respectively. Seat effective
amplitude transmissibility ( SEAT ) and the vibration
transmissibility ratio values also decrease. Moreover, the peak
frequencies of the vibration transmitted to the driver deviate
from the key frequency values, which easily cause human
discomfort. Thus, the design of the seat suspension system has
no effect on the health condition of the driver after being
vibrated. The findings also illustrate that the NSS suspension

system has good vibration-isolation performance, and the
driver’s ride comfort is improved.
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In recent years, with the continuous improvement of
road traffic, more attention has been paid to the ride
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comfort and humanized design of vehicle seats. In con-
struction machinery vehicles, cab seats are vibrated to va-

U Traditional

rious degrees during the vehicle operation
studies mainly focus on the vibration isolation of engines
and vehicle-mounted equipment of construction machiner-
y?™ . However, long periods of forced vibration in the
working environment will cause driver fatigue and lead to
frequent accidents.
health will also be seriously damaged. Cervical, spinal,
and pelvis injuries of the human body frequently oc-

cur™ . Thus, the research and development design of

The driver’s mental and physical

seat suspension systems are closely related to people’s
life. Advocating people-orientedness, fully considering
the driver’s physical feelings and strengthening their pro-
tection, and improving the working environment are im-
portant development directions of vehicle seat suspension
systems.

The vibration-isolation mechanism of parallel springs
with a negative stiffness structure is a new type of nonlin-
ear vibration-isolation device, and it can significantly im-
prove the vibration-isolation effect, especially the low-
frequency ones. van Eijk et al. "' first used negative stiff-
ness in the mechanical design of leaf springs to reduce the
total stiffness of the system. Lee et al. ™™ developed the
seat vibration-isolation mechanism with the negative stiff-
ness based on the thin-shell theory and offered theoretical
derivation and experimental verification, which achieved
good results. Yang et al."” studied the dynamics and
power flow behavior of a nonlinear vibration-isolation
system with a negative stiffness mechanism and derived
the nonlinear dynamic equations of the system; they ob-
tained the frequency response function of the system un-
der harmonic excitation by using the average method.

Han et al. "

used a kind of bending mounted spring-roll-
er mechanism as a negative stiffness calibrator in parallel
with a vertical linear spring and developed and designed a
passive nonlinear isolator; they also analyzed the dynamic
characteristics of the isolator. Fan et al.!"! developed a
vibration absorber of positive and negative stiffness elastic
elements in parallel by the principle of counteraction of
the elements. Its stiffness can be arbitrarily low. Zhang et

al. """ studied a new type of vibration-isolation system
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with positive and negative stiffnesses in parallel. This
system had a high support stiffness and a low motion
stiffness. The natural frequency can be reduced by adjus-
ting the magnitude of force at both ends of the negative
stiffness mechanism. The vibration-isolation effect was
improved significantly. Ji et al. " proposed a new type
of vibration-isolation system with a negative stiffness
damping device (NSD) attached to the ordinary vibration
isolation layer and discussed the effect of NSD on the per-
formance of the vibration isolation system.
years, numerous scholars have carried out a series of
studies on the negative stiffness structure'*?” . However,
little literature focused on the in-depth research of nega-
tive stiffness structure for cab seats of construction ma-
chinery vehicles. Therefore, it is necessary to establish an
accurate seat suspension system with the characteristics of
a negative stiffness suspension structure (NSS) and ana-
lyze its dynamic features; the ideal parameters of the sys-
tem need to be designed based on the space size of the
cab seat.

In this paper, the nonlinear dynamic model of the cab
seat suspension system based on the negative stiffness

In recent

structure is first established, and the Runge-Kutta method
is used to discuss the different structural parameters and
their influence on dynamic stiffness to determine the ideal
configuration parameter range of the suspension system.
Based on the initial results, the optimization model of the
seat suspension structure of construction machinery cabs is
put forward, and a nonlinear simulation analysis is carried
out to study the vibration transfer characteristics of this
In accordance with the ISO 2631
standard, different methods are used to evaluate the ride
comfort of the seat to improve the working environment
of drivers and reduce vibration.

suspension system.

1 Model Description

The vehicle cab seat model consists of three parts: the
seat suspension system, seat structure frame, and driver
(see Fig. 1). In the analysis of the dynamic characteris-
tics of seat suspension specifically, the weights of the seat
and the human body are simplified into a rigid mass block
M, and the elasticity of the cushion, the damping inside
the human body, and the weight of the connecting rod
and joint are neglected. The simplified model contains

Seat suspension|”

system
]

Cab floor
Fig.1 Simplified vehicle seat model

two symmetrical negative stiffness structures, dampers, a
mass block, and a supporting spring in the vertical direc-
tion (see Fig.2).
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Fig.2 Mathematical model of seat isolation system

The variables in Fig. 2 are described as follows: x, dis-
placement in the vertical direction relative to the static
equilibrium position of the vibration-isolated objects; K,
and K, vertical and horizontal spring stiffnesses, respec-
tively; b, length of the connecting rod between the hori-
zontal spring and mass block; a, distance from mass
block M to the fixed end of the horizontal spring. The in-
itial state of the mass block is the position of the dashed
frame, and each spring of the suspension system is in a
compression state during vehicle operation. The dynamic
stiffness of the suspension system can be adjusted by
changing the above parameters.

The rotation freedom of the seat structure is limited,
and the seat can only move in the vertical direction. The
vibration reduction amount of the suspension system is af-
fected by different parameters, such as spring stiffness,
damping coefficient, length of connecting rod, and the
angle between the rod and horizontal plane.

2 Dynamic Model of Seat Suspension

When the system drops x from its initial position, its
kinetic energy 7, potential energy V, and dissipation
function D are respectively computed as

1

TZTMXZ (1)
1 » 1 > 1 2
szk]Al +7](YAf +?kvAr + Mgx (2)
1 A2 1 A2 1 |2
D =7C| Al +7CrAr -i-?C\,AZ (3)

where C is the damping coefficient, N/(m - s); k is the
spring stiffness, N/m; A is the variation of the spring
length; A is the relative velocity at both ends of the
spring, m/s; and subscripts 1, r, and v represent the
left, right, and vertical directions of the suspension sys-
tem, respectively. Given the symmetrical structure of the
system, k, =k, =K,, C,=C,, and A, =A,. Using the La-
grangian equation, the equation of motion can be ex-
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pressed as

vV oD
-—+—+—=0. 4
ox T T ox 0, (4)
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arl s

Assuming that the spring in Fig. 2 is in equilibrium,
the deformation length of the horizontal spring is as

A= /b -(H-x° -(a-L,) (5)

where L, is the original length of the horizontal spring.
Then, the horizontal force produced by the horizontal
spring is computed as

F,.=2K,( /b ~(H-x)" -(a-L))  (6)

Next, the horizontal force is converted to the force F,,
in the vertical direction:

F, =2K (/b -(H-x)> =(a-L))tana  (7)

where « is the angle between the rod and horizontal
plane.

tanq = =% (8)

Vb = (H=-x)’

The force produced by the vertical spring in the vertical
direction is as

F. =Kx (9)

At this point, in accordance with the principle of virtu-
al work, the vertical-direction restoring force F of the
system is obtained with the following equation:

a-1L,
Vb = (H=-x)"

Eq. (10) deals with dimensionless variables, where the
structural parameters of the system are calculated as

F=Kx+2K,(H-x|1- (10)

F K, , «x b a

R A

H = /yi-(y, - 1)’
where F’ is the dimensionless restoring force, and x’ is

the dimensionless displacement. Thus, the dimensionless
force-displacement relation of the system is obtained as

F' =

Y, -1
/‘y? _(H/ _x/)Z
Then, the derivation of x’ is acquired, and the dimen-
sionless dynamic stiffness K’ of the system is obtained.

F’:x’+2a(H’—x’)(1— (11)

H?(y, 1) =2H'(y, = 1)x" +(y, - )x"

3/2 2 i "2
Vi —(H =x)

K’:l—Za(l—

v, —1 )

(12)

With respect to the seat suspension system, a vertical
upward external excitation u_ is applied at the bottom. u
is the displacement of the suspension system relative to
the base. u_ is the absolute displacement of the suspen-
sion system in space. The dynamic equation of the system
is obtained by the Lagrangian equation.

Mu, +C(u,-u,) -Kx-2K,(H-x) -
! a-L, Me =0
-+ Mg =
Vb - (H=-x)"
The relative displacement, velocity, and acceleration
of the isolated equipment relative to the equilibrium posi-
tion are respectively defined as

(13)

z=H-x (14)

Z=u, -u, (15)

Z:I;tl'“ _ue (16)
where

Mg =K H (17)

Substituting Eq. (13) into Egs. (14)-(17), the new dy-
namic equation is rewritten as

C. K K9k (18)
Tz +—z =221 - = —u,
7] M( «/bz—zz)

3 Analysis of Seat Suspension System

3.1 Parameter analysis of seat suspension system

Different parameters will have different effects on the
suspension system. The design parameters need to be fur-
ther determined to evaluate the mechanical properties of
the system. Eq. (12) shows that the dimensionless dy-
namic stiffness K’ is determined by three-parameter varia-
bles, i.e., «, y,, and vy,. According to the principle of
the single-factor variable method, the structural parame-
ters are discussed as follows (see Tab.1).

Tab.1 Structural parameters of the model

Parameter First case Second case Third case
Value of
7 7 0.8 0.8
changes
Value of
72 0.8 2 1.2
changes
0.6,0.8,1.0, 0.5,0.8, Value of
“« 1.2,1.4 1.0,1.2 « changes

By MATLAB numerical calculation, the force charac-
teristic curve of the system is obtained (see Fig.3). With
the increase in displacement, the restoring force curve of
the system presents a downward trend, and the structure
exhibits negative stiffness characteristics. When y, <1,
the occurrence time of the first peak of the curve is short,
and the change in the corresponding displacement is
small. When y, =1, the force change trend of the system
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Fig.3 Dimensionless force-deflection curves with various val-
ues of y,. (a) @=0.8,y, =1.2; (b) a=1.0,y, =1.2; (¢) a=
1.2,y,=1.2

in the vertical direction is smooth, which indicates the
improved performance of the seat vibration-isolation sys-
tem and ideal selection of the NSS parameters. The di-
mensionless force F' of the system will peak in a short
time when the value of v, is especially small. Therefore,
this situation should be avoided when designing parame-
ters to prevent affecting the dynamic characteristics of the
suspension system. In addition, by contrasting and analy-
sis, the results show that the change in o will affect the
trend of the overall force change of the system. With the
increase in «, the trend of the system bearing the force
change will accelerate, indicating the increased vibration
amplitude of the seat in the vertical direction and the re-
duced ride comfort of the driver. As a result, the use of a

large-value « is discouraged, and the stiffness of the hori-
zontal spring should be smaller than that of the vertical
spring.

Fig. 4 shows the dimensionless force-deflection charac-
teristic curves with different values of y,. The results
show that when v, > 1, the curve changes regularly, sim-
ilar to an elongated sinusoidal curve, along with the exist-
ing maximum and minimum peak values. Thus, the di-
mensionless force F' between the two peaks decreases
with the increase in displacement, and inversely, in the
other positions, the value of F' increases with the in-
crease in displacement. However, when vy, <1, the ini-
tial value of the dimensionless force F' fluctuates, and the
value of F' decreases with the increase in displacement.
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Fig.4 Dimensionless force-deflection curves with various val-
ues of ,. (a) @=0.8,y, =0.8; (b) a=1.0,y, =0.8; (¢) a=
1.2,y, =0.8
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In this case, although the stiffness of the suspension
system is negative stiffness, it is unsuitable for the design
of the above negative stiffness model structure. When v,
<1, the shape of the stiffness curve is a convex parabo-
la, and the stiffness reaches the maximum peak value in
the static equilibrium position. However, at a far enough
distance away from the static equilibrium position, the
stiffness of the system is always negative, and the vibra-
tion-isolation system is in an unstable state. Fig.5 shows
the dimensionless force-deflection characteristic curves
under different values of o. With the increase in the value
of «, the flatness of the curve also changes.
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Fig.5 Dimensionless force-deflection curves with various val-
ues of

3.2 Dynamic stiffness analysis of the seat suspension
system

Considering the nonlinear characteristics of the suspen-
sion system and multiple design parameters, the dimen-
sionless dynamic stiffness of the system should be used to
evaluate the vibration-isolation system to select the appro-
priate suspension configuration parameters. According to
Fig. 6, as the value of vy, increases, the basic outline of
the stiffness characteristic curves of the system shows no
evident change, whereas changes occur in the curvature
of the stiffness characteristic curve. For dimensionless
displacement x’ <0, when the value of « increases, the
absolute values of stiffness of the suspension system also
increases. For dimensionless displacement x' >0, when
the value of « increases, the curve moves to the right
overall, and the suspension system increasingly deviates
from the quasi-zero stiffness. Notably, the value of pa-
rameter « should not be extremely large.

From Fig. 7, the corresponding stiffness curves under
different values are symmetric at about z=0. When v, >
1, the dynamic stiffness curve has a concave parabola
shape, and the stiffness value at the static equilibrium po-
sition is the smallest. When o<1, the stiffness value is
always greater than — 1. Therefore, the configuration of
structural parameters needs to be reasonably selected to
ensure that the dynamic stiffness of the static equilibrium
position is zero or greater than zero. Additionally, when
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Fig. 6 Dynamic stiffness curves of systems with various val-
ues of y,. (a) @=0.6,y, =0.8; (b) a=1.0,y, =0.8; (¢) a=

1.4,y, =0.8

v, =1 and a =1, the dynamic stiffness curve becomes a
straight line, and the stiffness value is always equal to
—1. This situation shows that the distance from the mass
block to the static equilibrium position can be infinite,
and the dynamic stiffness of the region above the line K’
= —1 is always less than the static stiffness. However,
in the case of y, > 1, the infinite range from the mass
block to the static equilibrium position decreases with the
increase in y,.

Fig.7 also shows several sets of stiffness curves corre-
sponding to different values of «. When @ =0.5 and v,
>1, the dynamic stiffness of the system around the static
equilibrium position is very close to zero, that is, near
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Fig.7 Dynamic stiffness curves of systems with various val-
ues of y,(z=H -x").(a) a=0.5,7, =0.8; (b) a=0.8,y, =0.8;
(¢) a=1,9,=0.8; (d) a=1.2,y, =0.8

quasi-zero stiffness. This condition illustrates that the se-
lection of parameters « and vy, has a certain effect on the
stiffness characteristics of the system.

Fig. 8 shows the dynamic stiffness curves of the system
under different values of «. As the value of « increases,
the minimum value of the dimensionless stiffness curve
decreases. When o =1, 1.2, the system is close to qua-
si-zero stiffness, but the concave parabola is closer to the
center axis. The correctness of the above y, > 1 analysis
results is verified again. The larger the range of displace-
ment changes in the suspension system, the better the vi-
bration-isolation effect. To sum up, the design parame-
ters of the suspension system 1 <vy,<1.3 and « =0.5 are
the ideal configuration parameters of the system. Howev-
er, in the actual design process, obtaining these accurate
values is difficult because of the errors in manufacturing
and assembly, and y, <1 may appear. Thus, the quasi-
zero stiffness should be satisfied as much as possible dur-
ing the design.

101

1 1
-0.6 -04 -02 0 02 04 06
z

Fig.8 Dynamic stiffness curves of systems with various values
of a(z=H-x")

4 Design Optimization of Cab Seat Suspension
System

With a medium loader as an example, the weight of
the cab seat is set to 12 kg. The mass range of the human
body is 50-85 kg, and the weight range of the mass block
in the model is 62-97 kg. Therefore,
difference of the mass accepted for the suspension system
is 35 kg. According to the design requirements of NSS,
the horizontal spring should be forcibly kept horizontally
under the static balance. In addition, when keeping the
stiffness of the supporting spring unchanged, the maxi-
mum floating range is 80 mm in the vertical direction of

the fluctuation

the designed seat. According to the calculation of the ver-
tical spring stiffness, an additional displacement should
be required for the no-load condition as 12. 25-20. 83
mm, which describes the distance required when the sys-
tem reaches the equilibrium position at the moment the
driver first takes his seat. In this paper, the selected value
is a little large, and the stiffness of the support spring is



Design and evaluation of cab seat suspension system based on negative stiffness structure 159

increased moderately to reduce the displacement deviation
caused by the input of different system masses.

4.1 Cab floor vibration

Cab floor vibration is a common phenomenon in con-
struction machinery operations. The vibration source is
one of the prerequisites for the simulation of the seat sus-
pension system. The vibration of most construction ma-
chinery vehicles is produced by the engine, main/tail ro-
tor, and transmission, which are mechanically connected
together. The variable speed motion is carried out by the
engine governor, and the vibration is finally passed
through the seat to the driver, which results in the whole-

body vibration of the driver'.

In this paper, with the
same type of loader as an example, the frequency of the
vehicle generating the vibration source is extracted ( see
Tab.2). The data in the right side of the table can be
used to identify the frequency component in the frequency
domain diagram, that is, the vibration signal of the cab
floor can be reproduced for simulation. In addition, the
amplitude of the seat model depends on the external natu-
ral conditions during the operation of the construction ma-
chinery (such as the soft degree of the road surface, slope
turning road, and other road conditions). The excitation
source is changeable, and the vibration source propaga-
tion path is long, resulting in the external excitation at the
connection between the cab floor and the very unstable
seat connection. For this reason, the collection of vibra-
tion amplitude data is difficult, and thus, the data in oth-

[21]

er references are referred to Fast Fourier transform

(FFT) is used, and the vibration signal is converted from

the time domain to the frequency domain'*!

. The ampli-
tude of the frequency component of the vibration signal
for the cab floor is reproduced (see Tab.3). Given that
the effects of vibration frequencies above 50 Hz on the
human body gradually decrease according to ISO 2631,
the frequencies above 50 Hz are ignored when the vibra-

tion signal of the cab floor is reproduced.

Tab.2 Vibration sources and frequencies of the loader

Vibration source Speed (r + min ') Frequency/Hz
Main rotor 336 5.2
Tail rotor 591 12.7
Hydraulic pump 3200 19.5
Rotor drive shaft 3700 25.3
Transmission input shaft 5 500 32.6
Oil cooler 5 800 41.7
Rotor brake 6 300 53.4

Tab.3 Vibration sources and frequencies of the loader

Frequency/Hz 5.2 12.7 19.5 25.3 32.6 41.7
Amplitude/g 0.052 0.065 0.136 0.017 0.041 0.043
Amplitude/(m - s7%) 0.59 0.73 1.58 0.14 0.36 0.37

Fig. 9 shows the time domain and frequency domain di-
agram of the vertical vibration signal of the cab floor.

The reproduced signal is simulated as the excitation signal
of the floor.
2.0
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Fig.9 Reproduced vibration signal of the cab floor in the ver-
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tical direction. (a) Time domain map; (b) Frequency domain map

4.2 Evaluation criteria for suspension systems

Different methods are used to evaluate system vibrations.
At present, the weighted root mean square (RMS) is widely
used to evaluate suspension vibrations. However, the use of
the RMS method will underestimate the effects of vibration
characteristics with numerous peaksm]. Therefore, the four-
time power vibration dose value( VDV) method is used to
evaluate the vibration characteristics of the suspension sys-
tem, because the VDV method is sensitive to the peak value
of vibration. Its expression is

Ay = {j:[aw(r)]4dt}

174

(19)

where the unit of A, is m/s"” or rad/s"”; a (1) is the
instantaneous frequency weighted acceleration; and T is
the duration of the measurement.

To evaluate the effectiveness of the seat suspension sys-
tem and reduce the vibration transfer amplitude, the fre-
quency weighting function is considered based on the ISO
2631 standard, and seat effective amplitude transmissibili-
ty (SEAT), which is defined as follows, is adopted:

1 [ 2
. — | (w(Dz,) dt
A (X)) s _ \/T L (20)

SEAT — ("Cf) . T

where (X,) s is the seat weighted RMS acceleration; and
(X) rus 18 the weighted RMS acceleration for the cab floor.
To evaluate the vibration transmissibility characteristics

of the NSS suspension system in the frequency domain,
we use the following equation to calculate the vibration
transmissibility ratio:
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_ Gex

trans G
BB

(21)

where G,y is the cross power of vibration signals of the
cab floor and seat; and Gy is the auto power of vibration
signals of the cab floor in the vertical direction. The cal-
culation equation is as

= fB(r)X* (t —7)dt
(22)

= fB(t)B*(t - 7)dt

where B and X represent the floor and seat bottom vibra-
tions, respectively; 7 is the time delay between signals;
and = 1is the conjugate signal.
transmissibility ratio greater than 1 represents the ampli-
fied frequency through the vibration transfer path.

The frequency with a

4.3 Optimization model of cab seat suspension system

The design variable refers to the stiffness of the seat
suspension system, and the optimization model of low-
frequency response for the cab suspension system is as

A {ASEAT

. T 4 .
min Ay, = {J' [a,(D)] dt} >, Imn
0
I<vy,<1.3, a=0.5

trans

k
K="
kV
a)CXC
r= =4
wn
k
Teq
CRENGY:

where w,, is the excitation frequency; w, is the natural
frequency of the system; and k,, is the total vertical stiff-
ness of the suspension structure. As shown in Figs. 6-8,
the value of the dimensionless equivalent stiffness is k' =
0.3. The established dynamic model is simulated and cal-
culated by using MATLAB, and the constraint optimiza-
tion method is used to solve the problem. The design do-
main contains discrete points,
Given the actual engineering design, the
parameter values are generally rounded off. Tab. 4 shows
the structural parameters of the designed seat suspension
system.

and the optimal solution is
searched for.

Tab.4 Parameter setting of seat isolation system

Parameter Values
L,/mm 200, 220, 230, 240, 250, 260
a/mm 260,275,285, 300, 315, 325

b/mm 180
K,/(N-mm™") 28,34, 40,46,52,58
K,/(N - mm™") 14, 17,20, 23,26,29
M/kg 6297

4.4 Simulation results

Based on the above NSS suspension system dynamics

model,
of the seat are obtained by optimization design ( see Fig.
10). The vibration signal of the floor is compared with
the vibration signal transmitted to the seat. The results
show that the response amplitude of the optimized system
is remarkably reduced, which indicates that the suspen-

the displacement and acceleration response curves

sion model based on the NSS effectively reduces the vi-
bration transmitted to the seat through the cab floor. Tab.
5 shows the comparison between the vibration characteris-
tics of the cab floor after optimization and those transmit-
ted to the seat. The VDV and RMS method calculation
values of the seat in the vertical vibration direction are
0.192 7 and 0. 150 6, respectively. Compared with the
cab floor vibration, the vibration amplitude and peak am-
plitude decrease by 86% and 87%, respectively. The
finding also illustrates the improved vibration-isolation
performance of the seat suspension system. In addition,
according to the ISO 2631 standard, the results in Tab. 5
show that the driver’s ride comfort and vibration environ-
ment have been substantially improved.
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Fig. 10  Amplitude contrast between the cab floor and vibra-

tion signal transmitted to the seat (i.e., driver) after optimiza-

tion. (a) Displacement amplitude; (b) Acceleration amplitude

Tab. 5
characteristics transmitted to the seat after optimization
Cab floor Seat
1.482 6 0.192 7
1.075 8 0.150 6

Poor comfort and feel Good comfort, and not

Vibration characteristics of cab floor and vibration

Vibration source position
VDV/(m - s~ "7)
RMS/(m - s7?%)

Driver’s ride

comfort apparent discomfort  causing adverse disease

Given that VDV and RMS only reflect the main charac-
teristics of vibration signals, the performance of the sus-
pension system can be evaluated intuitively by calculating
A and T, Tab. 6 presents the evaluation results ob-

SEAT trans *
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tained after the optimal design. The values of Ay, and
T,.. are 0. 0874 and 0. 0755, respectively. Compared
with the suspension system with vertical spring stiffness
only, the vibration transmissibility rate of the seat decrea-
ses, which illustrates that the NSS suspension system has
good vibration-isolation performance.

Tab.6 Vibration sources and frequencies of loader after opti-

mization
Vibration transmissibility AgpaT T vans
Seat suspension
. 0.087 4 0.075 5
system with NSS
Seat suspension system
2.1937 0.146 3

with vertical spring stiffness

Seat without vibration-

isolation system

To analyze the difference between the vibration fre-
quency transmitted to the driver and the resonance fre-
quency of the human body, we analyze the vibration
characteristics of the seat in the frequency domain in this
paper. Fig. 11 shows the vibration FFT spectrum trans-
mitted to the driver through the suspension structure. The
results show that for the optimization model, the vibration
frequency transmitted to the driver changes is within 1-50
Hz, in which the minimum frequency value is 4.7 Hz.
Given that the human body is sensitive to certain special
frequencies, the driver or certain parts of their body will
suffer from diseases when they are exposed to such vibra-
tional frequencies for a long time. Human body vibration
has a critical frequency of 4 Hz!""*™', and 4.7 Hz is
very close to this critical frequency. Given the internal
damping of the human body and the low amplitude trans-
mitted to the seat, the frequency of 4.7 Hz will not cause
physical discomfort to the driver. Moreover, none of the
other frequency values in the spectrum approach the other
critical frequency values of the human body. To sum up,
the design of the seat suspension system has no adverse
effect on the health of the driver after being vibrated.
Fig. 12 shows the vibration spectrum contrast of the cab
floor and seat suspension system. The acceleration ampli-
tude is evidently reduced, and the spectrum diagrams of
the seat and the cab floor are notably similar. These find-
ings illustrate that no frequency regulation occurs in the
vibration transfer path.
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Fig.11 Vibration spectrum of the optimal model of the seat

suspension system

N
(=
|

— Cab floor
---- Seat

s72)
—
=

T

[S]
T

<
~
T

Amplitude/(m -
et
o0

r,, A | e
O35 10 15 20 25 30 35
Frequency/Hz

20 45 30

Fig. 12  Comparison of vibration spectrum between the cab
floor and seat (transmitted to driver)

To study the influence of different loads and uncertain-
ty on the performance of the suspension system, based on
the optimization model, we carry out simulations based
on different driver weights and the uncertainty of stiffness
coefficients. Tab. 7 shows the comparative analysis re-
sults. The A, values of the seat suspension system are
given in the table. When the load P= 80 kg, the value
of Ay, increases with the increase in uncertainty of the
spring stiffness coefficient. The vibration transmissibility
rate also increases. When the load P <80 kg, an increase
in the uncertainty of the spring stiffness factor first leads
to a small Ag,, value. This finding indicates the im-
proved performance of the suspension system. Then, the
A, value increases, and the vibration-isolation perform-
ance of the system decreases gradually.

Tab.7 Agg,r values of NSS suspension system under different

uncertainties
Seat and body Asgar
mass’kg  p=70% p=50% p=20% p=10% p=5%
65 0.3481 0.3077 0.1932 0.2412 0.2593
70 0.3878 0.3215 0.1362 0.1838 0.1976
75 0.5251 0.3762 0.1208 0.1763 0.1874
80 0.6035 0.4831 0.1293 0.0918 0.0815
85 0.6852 0.5747 0.2235 0.1764 0.1326
90 0.7253 0.6694 0.2931 0.2457 0.2319

Tab. 8 shows the T, values of the seat suspension sys-
tem under different percentages of uncertainty p. The re-
sults show that as the uncertainty of the spring stiffness
coefficient increases, the value of 7, _ increases gradual-
ly, and the vibration-isolation performance of the seat de-
creases. Different evaluation criteria are used between
Agear and T,
press the reduction of the vibration amplitude itself,
whereas the T

trans

values. The A, calculation results ex-

values emphasize the relative dependence
between the signals of excitation and seat vibration. Fur-
thermore, the results from Tabs. 7 and 8 show that the
performance of the suspension system exhibits no signifi-
cant change with the variations in load mass, which indi-
cates that any change in the driver’s weight in the range
of 65-90 kg has no effect on the performance of the seat
suspension system. To sum up, regardless of the uncer-
tainty of the stiffness coefficient and changes in the load
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mass, the suspension structure still presents a good per-

formance.

Tab.8 T, values of NSS suspension systems under different

uncertainties

Seat and body T ians

mass’kg  p=70% p=50% p=20% p=10% p=5%

65 0.0915 0.0883 0.0854 0.0841 0.0836
70 0.0794 0.0772 0.0763 0.0746 0.0725
75 0.0788 0.0734 0.0721 0.0695 0.068 3
80 0.0746 0.0723 0.0718 0.0684 0.064 9
85 0.0682 0.0665 0.0651 0.0632 0.0611
90 0.0653 0.0610 0.0592 0.0588 0.0573

5 Conclusions

1) A cab seat suspension system based on the NSS is
designed in this paper, and its nonlinear dynamic model
is established. The different structural parameters of the
system and its influence on the dynamic stiffness charac-
teristics are respectively analyzed. The ideal configuration
parameter range and the final value of the suspension sys-
tem are obtained.

2) The optimization model for the seat suspension struc-
ture of construction machinery cabs is put forward. By
simulation and comparative analysis, the vibration trans-
missibility is studied. The results show that the accelera-
tion and displacement amplitudes of the optimized seat
suspension system are evidently reduced. According to
the ISO 2631 standard, RMS and VDV method calcula-
tion values in the vertical vibration direction are reduced
by 86% and 87% , respectively. The vibration transmis-
sibility rate, Ay, and T, ., are also reduced.

3) Through the analysis of the frequency domain re-
sponse of the seat suspension system, the comparison re-
sults show that in accordance with the ISO 2631 standard,
the peak frequency of the vibration transmitted to the
driver avoids the key frequency, which can easily cause
human resonance. The influences of the uncertainty of
stiffness coefficients and different driver weights on the
suspension system are discussed. The study results show
that the change in a driver’s weight in the range of 65-90
kg has no effect on the performance of the seat suspension
system. The seat suspension system with NSS exhibits
good vibration-isolation performance, improving the
working environment of the driver and the ride comfort of
the seat.
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